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ABSTRACT 
By theoretically analyzing dynamic behavior of the 
crankshaft, the rolling piston and the blade inroll-ing-piston rotary compressors, constraint forces and 
sliding speed at each pair of movable machine ele-
ments were obtained, and unbalanced inertia forces 
and compressor vibrations were evaluated. It was 
concluded that theoretical results have a goodagree-
ment with experimental ones. Moreover, it was re-
vealed that one of major factors which cause com-
pressor vibrations is speed variation of the crank-
shaft and compressor vibrations are not affected by 
rolling behavior of the piston. 
of high volumetric efficiency and small mechanical loss 
and they are compact and light in weight, compared to 
corresponding reciprocating compressors [ 1 - 4 ]. 
In rotary compressors, moreover, vibrations are com-
paratively small in amplitude as they have few re-
ciprocating elements, and hence have been considered 
suitable for lowering the noise in air-conditioning 
equipment. Due to these properties, most air-condi-
tioning compressors presently used in Japan are of 
the rolling-piston rotary type. It is likely that 
the popularity of rolling-piston compressors will 
continue to increase, and at the same time strong demands for reducing vibration and noise which arise from 
the compressors will also ~ise. To cope with these demands, unbalanced inertia forces due to themotion 
of machine elements, and vibrations caused by those forces have to be evaluated before a design which 
reduces the revealed vibrations most effectively can 
INTRODUCTION 
Rolling-piston rotary compressors have the advantages 
--------------- Nomenclature 
a"' 1/2 of blade thickness 
b"' contact length of blade & cylinder 
B "' equivalent length of plain bearing 
a = clearance of piston & crankpin 
a8 "' clearance of crankshaft & bearing [C] =damping coefficient matrix 
Cf, Cfa• Cfs• cpa = friction & pressure 
constant of oil film 
e =eccentricity of piston center [E] =transfer matrix 
[F] =exciting force matrix 
fl. f2 =functions of e 
Fa= frictional force on -piston 
Fan, Fat"' constraint & frictional 
forces on piston & cylinder 
Fd =frictional force on blade ends 
Fen= force on piston & crankpin 
Fgx,Fgy =constraint forces on crank-
shaft & bearing 
Fgn],Fgn2,Fgt1> Fgt2 =constraint & 
frictJ.onal forces on cylinder& blade 
Fp"' gas force on piston 
F'f;8 ,Fpa =gas forces on cylinder wall 
F qx. F qy = gas forces on blade 
F8 = spring force on blade 
Fvn.Fvt =forces on blade & piston 
Fx,Fy,Fz =exciting forces on cylin-
der center 
hbu, hbz =height of balancers from 
cylinder center 
I a= inertia moment of crankshaft 
Ip "'inertia moment of piston 
Ix,Iy,Iz =inertia moment of camp. 
k =spring constant 
[K] "'spring constant matrix 
Z = depth of cylinder 
Zp = length of piston bearing 
Zs = length of crank journal 
M =mass of whole compressor 
[M] =mass matrix 
mbu> mb z =mass of balancers 
ma = total mass of crankpin, crank-
arm & balancers 
mp = piston mass 
mv =blade mass 
Mp =frictional moment on piston & 
crankpin 
Ma =frictional moment on piston ends 
Mm =motor torque 
Mq =moment due to gas forces on blade 
Ms"' frictional moment on crankshaft 
& journal 
Mx,My,Mz "'moment on cylinder center 
Pa,Ps =pressure in compression & 
suction chamber 
Pd =pressure inside closed housing 
R = cylinder radius 
r,r0 =outside & inside piston radius 
rbu,rbz =eccentricity of balancers 
27S 
r 8 =radius of crankshaft 
rv =radius of blade tip 
VBn =sliding speed of blade & piston 
Vpc = sliding speed of piston & crankpin [X] =displacement matrix 
X, Y, Z"' orthogonal coordinate 
x,y,z =moving orthogonal coordinate 
x0 , y0 , z0 =X ,Y, Z coordinate of cylin-
der center 
XG, YG• ZG =parallel displacement 
x0 a.Yoa =coordinate of ma center 
Xop>YOp =coordinate of piston center 
xv =variable of blade motion 
a =angle of OG2 & x axis 
Yl> Y2, Y3, Y4, Ys =function of e 
Dpb =piston & blade ends clearance 
Ope"' minimum clearance of piston & 
cylinder 
ol,o2,o3,a4 =constant +1 or -1 
~:: "'eccentricity of me gravity center 
n =rotating angle of Fen 
ng"' dynamic viscosity of R22 
no= dynamic viscosity of oil 
8 =rotating angle of crankshaft 
BXG, BYG, SzG =rotational displacement 
J.lg, llV = friction coefficient 
I; = angle of OvOp & x axis 
~ "'rotating angle of piston 
be developed. In this paper, an analytical method to 
evaluate the vibrations is established, and the exper-






Movable machine elements in a rolling-piston compres-
sor are the rotating crankshaft, the rolling piston 
and the reciprocating blade. Each machine element 
moves in connection with the others. Now, theblade 
motion is a function of the turning angle of the 
crankshaft, provided that the blade top moves in con-
tact with the piston. In the case of the piston, 
however, its rotating motion is independent of the 
crankshaft motion and is determined by all friction-
al forces exerted on it. Therefore, both equations 
of the crankshaft motion and the piston motion have 
to be simultaneously solved to reve_al the dynamic be-
havior of the movable machine elements. 
Motor 
First, in this study, the equations of motion of the 
movable machine elements are derived, and then they 
are applied to a small rolling-piston rotary compres-
sor, and one concrete example in which the rotating 
behavior of the crankshaft and the piston is obtained 
by numerical calculation is shown. Secondly, the 
equations which represent unbalanced inertia forces 
caused by the movable machine elements are presented, 
and the characteristics of the unbalanced inertia 
forces and the compressor vibrations which they cause 
are revealed by numerical calculation. Furthermore, 
the obtained compressor vibrations are compared with 
experimental results, and a major factor inducing com-
pressor vibrations is examined. Thirdly, the effect 
of the piston motion on the compressor vibrations is 
examined by comparing the approximate solutions to the 
problem of the vibrations obtained under an assump-
tion that the rotating speed of the piston is zero 
with exact solutions obtained by precise analysis of 
the rotating motion of the piston. 
ROLLING-PISTON ROTARY COMPRESSOR 
Fig.l(a) shows the construction of a rolling-piston 
rotary compressor which is used for air-conditioners 
of the refrigerating capacity 1755 kcal/h. The motor 
stator and the cylinder block are fixed inside the 
closed housing which is suspended with three rubber 
springs on a base. The refrigerant(R22) is sucked 
into the cylinder through the accumulator. The com-
pressed refrigerant is discharged inside the closed 
housing and transfered to a condenser through the 
discharge pipe on the top of the closed housing. 
The dimensions of the closed housing are 110 mm di-
ameter and 212 lliill high, and the mass of the whole com-
pressor is 8.7 kg. The motor is a single phase in-
duction motor. The synchronous speed is 3600 rpm and 
the power is 0. 55 kW. The machine part compressing 
the refrigerant is soaked in the lubricating oil and 
the gas leakage from the compression chamber ispre-
vented by oil sealing. Fig.l(b) shows the A-A' cross-
section of the machine part. The machine part con-
sists of the cylinder with bore 39 mm, the recip-
rocating blade with thickness 3.2 =, the piston with 
outside diameter 32.5 mm and the crankshaft system 
which is composed of the crankshaft, the crankpin and 
the motor rotor. The eccentricity of the piston cen-
ter Op from the rotating crankshaft center 0 is 3.26 
mm and the cylinder depth is 28 rnm. The center axis 
of the blade coincides with the cylinder center 0 and 
the blade tip with radius 3. 2 rnm is p.ushed on the pis-






spring housing Piston 
shaft pin (a) (b) A-A' cross-section 
Fig.l Construction of Rolling-Piston Compressor 
exerted on the back end. The minimum value of the 
piston-cylinder wall clearance is about 10 vm. The 
piston-crankpin clearance is about 20 ]Jill and this 
pair is lubricated by an oil pump attached to the 
lower end of the crankshaft. The arrows shown in the 
figure express the direction of the refrigerant gas 
flow. The refrigerant is sucked in the suction cham-
ber and discharged inside the closed housing after 
compressed in the compression chamber. 
E:QUATION OF MOTION OF MOVABtE MACHINE ELEMENTS 
Coordinate and Variables 
To reveal unbalanced inertia forces which cause the 
compressor vibrations, the equations of the crankshaft 
system, the piston and the blade have to be derived. 
For this prupose, the orthogonal coordinate and the 
variables are defined as shown in Fig.2. The x,y,z 
coordinate is fixed on the cylinder. The originco-
incides with the cylinder center 0, the x axis with 
the blade center line an~ the z axis with the crank-
shaft center. The main variables are the turning an-
gle e of the crankshaft and the ,rotating angle ~ of 
the piston. The distance xv of the blade tip center 
Ov and the cylinder center 0 and the angle s of the 







Fig.2 Coordinate and Variables 
e and <J> are defined as positive when counterclockwise 
turn and ~ positive when clockwise turn. Assuming 
that the blade reciprocates in contact with the pis-
ton, the ancillary xv and ~ is given by the following 
relations. (rv+r)><sin~ = e><sine (1) 






Fig.3 Gas Forces and Moment Fig. 4 Forces on the Blade 
Exerted on the Blade 
Equations of Motion of Blade 
It is supposed that as shown in Fig. 3, the blade cen-
ter line slightly tilts in the clockwise direction, 
since the blade is pushed by the comparatively high. pressure Pa in the compression chamber. Therefore, 
the blade contacts with the cylinder at G] and G2 points shown in the figure. Hence, the blade sur-face from G] to the contact point Bp with thepiston is pushed by the gas pressure Pa , the surface from Bp to G2 by the gas pressure P8 in the suction cham-ber and the surface from G2 to G] by the mean gas pressure Pd inside the closed housing. The x and y 
components Fq:r;, Fqy of the resultant gas force exert-
ed on the blade and the counterclockwise moment Mq 
about Ov which is caused by the gas forces exerted on 
the blade are given by the following forms, respective-
ly. Fqx = {-2aPd+(a+rv><sin~)Pc+(a-rvxsin~)P8 }l~ 
Fqy = {-bPJ+(R+b-xv+rv><aos~)P0-(R-xv+rv><aos~)><P8 }l , 
Mq = [-b(R-xv+b/2JPa+{(R+b-xvJ 2+a2-rv2}Pc/2 
-{(R-xvJ 2+a2 -rv 2 }P8 /2]l (3) 
Furthermore, many forces shown in Fig.4 exerted on 
the blade. The constraint forces Fgnl , Fgn2 , Fvn 
and the frictional forces Fgtl , Fgt2 , Fvt arise at G] , G2 and Bp points, respectively in the directions 
shown in the figure. The following spring force F8 and the frictional force Fd due to the oil viscosity: 
F8 = k(xv-r+eJ (4) Fa= sgn(-xvJnoxvlopb (5) 
exert on the back end and the upper & lower ends re-
spectively. Considering all forces exerted on the blade, the equation of the reciprocating motion: 
mviv = -F8+Fqx+Fgt 1+Fgt2+Pvn><aos~+Fvtxsins+Fa (6) 
is obtained, and the equilibrium equation of the forces in theY direction and that of the moment about Ov point are respectively given by the following 
277 
forms. 
Fqy+Fvt><aos~-Fvt><sins+Fgnl+Fgnz = 0 (7) 
(R+b-;;vJFgm+aFgtl:_(R-xvJFgm-aFgtz+Mq-rvFvt = 0 (BJ 
Since it .is considered that the frictional state at 
the blade-cylinder pair and the blade-piston pair is 
under the boundary lubrication, the frictional forces Fgtl , Fgt2, Fvt at G], G2 andBp points are subject to 
Coulomb'slowoffriction. Fgtl = sgn(-xvJJlg/Fgnl/, 
Fgtz = sgn(-xv)Jlg/Fgnz/ ' Fvt = sgn(VBnJJ1vFvn (9) 
where, VBn represents the sliding speed of the pis-
ton and the blade tip, and it is given by the follow-ing form: 
(1 0) 
When the frictional forces are evaluated by the equa-
tion (9), the constraint forces Fgnl , Fgn2 , Fvn are given by the following matrix form which is derived from (6)- (9). 
where, 
matrix 
~gnj = [At1 [v!iv+F8 -Fqx-FdJ Fgn2 -Fqy Fvn -Mq (11) 
-1 
[A] is the inverse matrix of the following [A]. 




in which ol>o 2 ,o 3 ,o 4 represent constants given by the 
following definitions. 81 = sgn(-xv), 82 = sgn(Fgnl), 
o3 = sgn(Fgn2J,o 4 = sgn(vBnJ (13) 
X 
Fig.S Forces and Moment on the Piston 
Equations of Motion of the Piston 
Fig. 5 shows the forces and the moment exerted on the piston. The point Ap shows the position of the min-imum clearance between the piston and the cylinder 
wall. The blade and the point Ap devide the cylinder into the compression chamber and the suction one. 
The resultant gas force Fp exerted on the piston is given by the following equation. 
Fp = 2rxsin{(S+s)/2}xZ(Pc-Ps) (14) 
The direction of Fp is perpendicular to the line ApBp 
and passes the piston center Op. The forces Fvn and 
Fvt given by (11) exert on the contact point Bpwith 
the blade , in the directions shown in the figure 
respectively. The gap of the piston and thecrankpin 
is lubricated by the oil pump, and so it is consid-
ered that the frictional state at this gap is evalu-
ated by Sommerfeld's lubrication theory of journal 
bearing [5]. Hence, the frictional moment Mp exerted 
on the inside surface of the piston is given by the 
following form. M _ c 2v 1 /C (15) p - fnorc pc"p 
where, Vpo represents the sliding speed of the pis-
ton and the crankpin, and is defined by the follow-
ing form. (16) 
Furthermore, the resultant Fen of the oil film force 
exerts on the inside surface of the piston. The di-
rection of Fen passes the piston center Op and is ex-
pressed by the turning angle n from the x axis. Con-
sidering that Raynolds' lubrication theory of plane 
bearing [ 6] is applicable to the refrigerant flow near 
the point Ap , the frictional force Fct and the gas 
film force Fan are evaluated by the following forms. 
. 2 2 . 
Fct = CfcngBe/6pax8 , Fen = CpcngB e/6pa xe (.17) 
Moreover, the following frictional force Fa and mo-
ment Ma which are caused by the oil viscosity exert 
on the upper and lower ends of the piston, in the di-
rections shown in the figure respectively. 
2 2 • Fa= 2nen 0 (r -rc J/opbxe , 
Ma = 11n 0 (r4-r0 4 )/opbx~ (18) 
Considering all forces exerted on the piston, the 
equilibrium equations of the forces in the x and y 
directions are given by the following forms. 
-mp~op+Fenxcosn-Fvnxcoss-Fvtxsins-FcnxcosS+Fctxsine 
+Fpxaos{(S-s)/2}+Faxsin6 = 0 (19) 
-mpYop+Fenxsinn+Fvnxsin~-Fvtxcoss-Fcnxsin8-F0txcos8 
+Fpxsin{(8-s)/2}-Faxaos8 = 0 (20) 
where (x0 p,Yop) represents the coordinate of the pis-
ton center Op and they are defined by Xop=excose , 
Yop=exsine. From the above equations (19) and (20), 
the oil film force Fen and its direction n are ob-
tained by the following forms. Fen= lf12+f22, 
n = tan1 (fz/flJ (21) 
where, the functions f1 andf2 of 8 are defined as fol-
lows. h = (cos~+o 4JlvxsinF,JFvn+(CixJB/6paxcos8-Cfc 
xsinS)ngBe/opaxB-Fpxcos{(e-~)/2}-Faxsine-mpe(e 2xcose 
+BxsinB) , f 2 = (-sins+o 4J1vxaossJFvn+(CpaB/6paxsine 
+Cf0 xcosBJngBe/opcx8-Fpxsin{(8-s)/2}+Faxcos8+mpe(-8 2 
xsinB+BxcosB) (22) 
Moreover, considering the equilibrium of the moment 
about the piston center Op, the equation of rotating 
motion of the piston takes the following form. 
Ip~ = r(Fvt+F0 t)+Mp-Ma (23) 
Equation of Motion of the Crankshaft 
As shown in Fig. 6, the motor torque Mm exerts on the 
crankshaft in the counterclockwise direction. Onthe 
other hand, the oil film force Fen exerts on the crank-
pin in the direction shown in the figure, and the 
frictional moment Mp given by (15) exerts in the clock-
wise direction, provided that the Sommerfeldvariable 




Fig.6 Forces and Moment on the Crankshaft 
straint forces Fgx and Fgy exerts on the crankshaft cen-
ter. From the equilibrium equations of the forces 
exerted on the crankshaft, Fgx andFgy are given by 
the following forms. 
Fgx = m0 x00+Fenxcosn ,Fgy = m0 y00+Fenxsinn (24) 
where, (x00 ,yoc) represents the coordinate of the 
gravity center of the crankpin, the crank arm and 
balancers, and they are defined by the equations: 
Xoc=-E:cos8 , y0 c=-E:sine. Since the gap of the crank-
shaft and the bearing is lubricated by the oilpump, 
the frictional moment M8 exerted on thecrankshaft is 
evaluated by the following form, based on Sommerfeld's 
lubrication theory. 
3 • M8 = Cf8 n0r 8 t 8 8/C8 (25) 
From the eqilibrium of the moment about the crank-
shaft center, the equation of rotating motion of the 
crankshaft is obtained by the following form. 
I 0 e = Mm-eFenxsin(n-BJ-Mp-Ms (26) 
Eliminating Fen and n in the above equation by making 
use of (19) and (20), the equation(26) takes thefol-
lowing form. (I0 +mpe2)e = Mm+eFvnxsin(B+s)-eFvt 
xcos(BtsJ-eF0t-eFpxsin{(8+~)/2}-eFa-Mp-M8 (27) 
The second and third terms in the right hand side of 
the above equation represent the moment due to the 
constraint and frictional forces at the blade-piston 
pair, and they contain inertia terms caused by the 
reciprocating motion of the blade. Deriving the in-
ertia terms by making use of (9) and (11), the above 
expression is arranged as follows: 
{I0 +mpe2+mve2r 1 (e)xr 2 (8) }8 = Mm-mve 2 62r 1 (B)xr 3 (8) 
-r1 (e)e(Fqx+Fa-F3 )-r4(8)eFqy+r 5 (B)Mq-eF0 t-eFp 
xsin{(B+s)/2}-eFa-Mp-Ms (28) 
where, the functions y 1 ,y2,y3,y4 ,ys of 8 is defined 
as follows: r 1 (e) = {sin(B+F,)-c; 411vxcos(8+s)}x{o 1 (82 
-8 3 )J1ga+b}/\A\, r 2 (8J = {1+e/(r+rv)xcos8/coss}xsin8 
rs(S} = {1+e/(;+;~)xcos8/cos~}xcos8+e/(r+rv)x{e/(r 
+r~)~cos2 Bjcos~xtans-;i;e}xsinejcoss,r4(e) = {sin(e 
+sJ-o 411vxcos(8+~)}{(8 2+o 3 )(R-xvJ+2o 1 o 2 o 3 11ga 
+o 3b}o 1 ~g/IAI , r 5 (8) = e{sin(8+sJ-5 4 x~vxcos(8 +sJ}o 1 ra 2+o 3 J~g/IAI (29J 
Unbalanced Inertia Forces and Equations of Vibrations 
To examine the compressor vibrations, as shown in Fig.7, all forces and moment exerted on the cylinder block and the crank journal have to be clarified. The 
cylinder pressure Ps and P0 push the cylinder wall. 
, The resultant forces Fps and Fpc is given by the ex-
pressions: Fps~ = 2Rxsin{(8-a)/2}xZP8 , 
Fpc~= 2Rxsin{(8+a)/2}xZPc (30) 
and the directions of Fps and Fpc pass the cylinder 
center 0 and are perpendicular to the line ApG2 and ApG3 respectively. Furthermore, the constraint forces Fgnl,Fgn2,Fon. the frictional forces Fgtl,Fgt2,Fd, Fct,Fa and the spring force F8 exert on the cylinder block in the directions shown in the figure respec-tively. The moment Mm as the reaction force to the 
motor torque exerts on the cylinder block in the clock-
wise direction. The oil film forces Fgx,Fgy and the frictional moment Ms exert on the crankshaft in the directions shown in the figure resepectively. 
Arranging the total of all forces and moment exerted 
on the cylinder block and the crank journal, the x, y, z components Fx,Fy,Fz of the resultant force on the 
cylinder center 0 and the moment Mx,My,Mz about x,y, z axis take the following forms of the unbalancedin-ertia forces. 
Fx = -mviv+(mpe-m0 EJ(e 2 xcose+exsine), 
Fy = (mpe-m0 E)(e 2 xsine-excose), 
Fz = 0, 
Mx = rmburbuhbu-mbzrbzhbzJre 2 xsine-exooseJ, 
My= (mburbuhbu-mbzrbzhbzJ(e 2 xoosB+Bxsin8), 
2 .. •• Mz = -(Ic+mpe )8-Ip¢ (31) 
where, Mx and Mv in the above equations are the mo-
ment caused by the mass mbu and mbz of th.e balancers 
which are attached to the upper and lower ends of the motor rotor respectively. 
To represent the compressor vibrations, the X,Y,Z co-ordinate system is defined, in which the origen co-incides with the compressor gravity center G at rest 
and the each axis is parallel to the corresponding 
axis of the x,y,z coordinate system. In this case, the compressor vibrations are subject to the follow-ing matrix equation. 
[M] [X]+[C] [X]+[K] [X] = [E] [F] (32) 
where, the displacement matrix [X] of the gravity point G , the mass matrix [M], the transfer matrix [E] determined by the coordinate (x0 ,y0 ,z0 ) of the cylin-der center 0 , and the exciting force matrix [F] com-posed of the unbalanced inertia forces are respective-ly defined as follows: 
Xc M · 0 








Fig.7 Forces and Moment on the Cylinder 
Block and the Crank Journal 
1 0 lFx 
0 1 [F] Fy 
0 0 1 Fz 
0 -zo y 1 Mx 
zo 0 -x0 0 My 
-Yo x 0 o 0 0 1 Uz 
(33) 
The matrices [C] and [K] are determined by viscosity 
coefficients and spring constants of the suspension 
system. 
COMPUTER SIMULATION 
Rotatory Behavior of the Crankshaft and the Piston 
The rotatory behavior 0f tt.e crankshaft and the piston is subject to the equations(28) and (23) respective-ly, and from these two equations the solutions e and ¢ are obtained by computer calculation. The left term of (28) represents inertia terms and the right terms represent the driving torque and various loads 
which are functions of 8, fJ and ~. Therefore, the equa-tion (28) is arranged to the following expression. 
8 =fa re,e,¢ J rMJ 
The left term of (23) represent the inertia term of the rotating piston and the right terms are functions of 8, 8 ¢ and 8. Hence, the equation (23) is arranged to the following expression. 
~ = fp ( e,e,e,~ ) (35) 
The solutions 8 and ¢ which simultaneously satisfy (34) and (35) are numerically obtained by a method 
of repeated calculation. Since the piston speed ~ is fairely small compared with the crankshaft speed 8, first in this study, the crankshaft behavior is 
calculated from (34) under the assumption ~ = 0, and 
on substitution of the obtained solutions e,e,e into (35), the piston behavior calculated, Furthermore, 
on substitution of the obtained solutions ~ into (34), the higher order approximate solutions are calculated. 
Tab .1 shows the mechanical constants of the compressor 
Tab.l Mechanical Constants chosen as the subject of this study. The gravity cen-
ter and the inertia moment of the whole compressor 
are measured by applying the priciple of rigid pendu-
lum, and the accuracy of the measurement is better 
than about Z %. Fig.S shows the motor torque charac-
teristics. The synchronous speed is 3600 rpm and the 
maximum torque is3.4N·m when 2780rpm. Fig.9 shows 
the compression and suction gas pressure Pa and P8 
when the compressor is operated under a standard load 
(the mean discharged pressure inside the closed hous-
ing P d == 2. 06 MPa, the mean suction pressure== 0. 54 
MPa ). In this standard load, the average speed of 
the crankshaft is358.8rad/s(3425.8rpru). Theabscis-
sa of Fig.9 represents the elapsed time and the time 
t == 0 corresponds the crank angle 8 
amm 1. 6 kN/em 12.5 re em 1.20 
== 0. The periodic time for onerev-
olution of the crankshaft is 17.51 ms. 1:;: 4 
The gas pressure Pe has two peaks. 
The first peak is slightly larger 
than the second and the first peak 
value is 2. 41 MPa. The minimum value 
of Pe is 0.48 MPa. The lubricating 
oil is SUNISO 4GF(Sun Oil Co., Ltd,) 
and it is supposed that the dynamic vis-
cosity takes the value 2.076 mPa·s 
:@'2 
1 
b em 1.47 
C)Jlrl 7.2 
Cs )JJI1 6. 7 
emm 3.26 
hbu em 1. 39 
hbl em 3.40 
Ie N•em·s 2 0.422 
-3 
Ip N•em·s 2 ], 53X]0 
IxN·em-s 2 35.2 
Iy N·em-s 2 59.0 
Iz N·cm•s 2 10.0 
2 3 
















2.80 I'buem 1.16 
1.80 I'bl em 1.25 
4.4 r 8 mm 8.0 
8.70 -2 rvmm 3.2 
].01XJQ 2 xo mm -4.5 
5.19X]0_\ yo mm -2.2 
], 39X10 zo em 
-6.54 ·2 
-2 7,4]X10 a rad 8.21X]0 
-2 
6pb )JJI1 1.13X10 15 
1.95 6pe )JJI1 15 
1. 62 Emm 1. 7 
Pc 
Ps 
when the pressure is 2 MPa, the tem-
perature 100 °C and the mass percent Fig.8 Motor Torqu
e Characteristics 
R-22 in the oil 15 %. It is assumed that the dynamic 
viscosity ng of the refrigerant takes the value 16.9 
~Pa·s for the above pressure and temperature. Since 
it is so designed that the bearing loads at the pis-
ton-crankpin pair and the crankshaft-bearing pairare 
comparatively small, it is considered that the 
Sommerfeld's variables at these pairs take fairly 
larger values than 1. 0. Hence, the eccentricity rate 
of the shaft center is lower than about 1.0 % and 
then the friction constants Cf and Cfs take the value 
of 2 ~- It is supposed that the frictional forceFet 
of the refrigerant gas film near the minimum clear-
ance between the piston and the cylinder wall is cal-
culated by considering that CfcB/opc approaches about 
170 when the equivalent length B of plane bearingbe-
comes larger than about 5.5 mm. 
When the frictional coefficients ~g and llV at the 
blade-cylinder block pair and at the piston-blade 
pair respectively are given in addition to the above 
mentioned conditions, the rotatory behavior of the 
crankshaft and the piston is determined from (34) and 
(35). In this study, it is assumed that the values 
of llg and llv are equal, and a method to determine the 
value so as to satisfy an energy equation derived 
from the equation(28) is adopted. When the equations 
(34) and (35) are computer simulated by dividing the 
period time 17.51 ms into the 180 equal steps, the cal-
culated result of llg and llV was 0.04 which is reason-
able for boundary lubrication. Fig.lO shows the ro-
tatory behavior of the crankshaft and Fig.ll shows 
the piston behavior. The crankshaft speed e fluctu-
ates from 371.8 rad/s to 343.9 rad/s, and hence the 
speed variation is about 7.8 %. The angular accel-
eration 8 fluctuates from -8687 rad/s2 to 4667 rad/s2 
and the fluctuating p-p value is about 13350 rad/s2. 
The sharp peak of ll at the time 2. 0 ms correspond 
well to the first peak of Pa shown in Fig.9. When 
the time t == 4. 4 ms and 12. 1 ms , the angular accel-
eration ~ rapidly changes like a step. The fluctu-
ating p-p value of ~ is about 13540 rad/s2. Corre-
sponding to these rapid changes of ~ , the piston 
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4.-------------------~ Fig.l5 Unbalanced Inertia Forces on the Cylinder Center 0 
to +29.0 rad/s 2 • The time when the piston behavior rapidly changes correspond well to the instant when the directions of the sliding speed VBn of the piston and the blade changes, as shown in Fig.l2. 
Fig.l3 shows the constraint forces Fgnl,Fgn2 at the blade -cylinder block pair. Fgnl changes from -35 N to+ 333 N, and Fgn2 changes by about two times of Fgnl, that is, from -344 N to +397 N. Fig. 14 shows the constraint forces Fvn, Fen at the blade-piston pair and at the piston-crankpin pair respectively. Fvn changes from +90 N to +160 N and so it is seen that the blade is tightly pushed on the piston. Fen has a sharp peak which corresponds to the first peak of Pe and changes from +120 N to 1580 N. 
Unbalanced Inertia Forces and Compressor Vibration 
On substitution of the obtained rotatory behavior of the crankshaft and the piston into (31), the un-balanced inertia forces shown in Fig.l5 are clari-fied. Fx and Fy fluctuate from -0.8 N to +1.2 Nand from -5.3 N to +4.7 N respectively, and so these fluctuating amplitudes are fairly small. The p-p 
values of Mx and My are about l. 50 N·m. On the other hand, Mz changes from -1.97 N·m to +3.67 N·m and the p-p value is fairly large 5.64 N•m. 
When the natural frequency of the vibration system 
a~--~~--~--~-+.~~ 0 
(b) 
t ms -4~--------------~~~ Fig.l6 Vibratory Acceleration of Compressor 
is fairly small compared with the crankshaft speed, solutions of the vibration equation (32) are appro-
ximately obtained by the following expression. 
[X] = [M]-1 [E] [F] (36) 
On substitution of the inertia forces [F] shown in Fig.l5 into the above expression, the vibratory 
acceleration [X] of the compressor gravity center is obtained, as shown in Fig.l6. The p-p values of XG 
and YG are fairly small 0.23 m/s2 and 1.14 m/s 2 res-pectively. The p-p values of exG and ByG are 60 rad /s2 and 36 rad/s2 respectively. On the other hand, the p-p value of BzG is fairly large 567 rad/s 2which is about ten times larger than those of BxG and Bye. Comparering the wave form of SzG with that of 8 
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Fig.l8 Calculated Vibrations 
shown in Fig.lO, it is easily seen that this vibra-
tory component with large amplitude was caused by the 
larger speed variation of the crankshaft. 
COMPARISON OF CALCULATED RESULTS WITH EXPERIMENTAL 
RESULTS 
To examine the calculated results, the compressorvi-
bration on the cylindrical r-losed housing is measured 
and it is compared with the computer simulated re-
sults. The measured point is on the horizontalplane 
which passes the cylinder center 0, and it has the 
coordinate (5.04, -2.10, -6.65 em). The measureddi-
rections are the tangential and the normal ( called 
'radial') to the cylindrical shell, on the above hor-
izontal plane. Fig.l7 shows the experimental re-
sults, in which (a) shows the radial vibratory accel-
eration and (b) the tangential. The calculated re-
sults corresponding to the above experimental results 
are presented in Fig.l8, in which the solid line shows 
the tangential acceleration Xst and the dotted line 
the radial Xsr· The calculted results cannots~mulate 
the vibratory components of higher frequency, and it 
is seen that the measured vibration forms of the lower 
frequency are closely simulated by the computer cal-
culation. Fig.l9 shows a comparison of the vibra-
tion power spectrum. The abscissa is the frequency 
order and the fundamental frequency is 57 .1 Hz. The 
ordinate is the vibration level expressed by decibel. 
0 dB shows 1. 0 m /s 2 • The solid l;!.nes show the cal-
.:ulated results, and 0 sings show the power spectrum 
of the measured tangential acceleration which was 
analyzed by the first fourier translator (Nicolle-
660). From this comparison, it is seen that the cal-
culated results simulate precisely the measured vibra-
tion·components which frequency order is lower than 
eight. 
CONCLUSIONS 
By exact analysis of the dynamic behavior of the mov-
able machine elements in rolling-piston rotary com-
pressors, a method of vibration analysis of the ro-
tary compressors was presented, and it was applied 
to a small rolling-piston rotary compressor with a mo-
tor power of 550 W which is widely used for air-con-
ditioners with the refrigerating capacity of 1755 
kcal/h. The conclusions obtained in this study are 
as follows: 
(1) The speed variation of the crankshaft was about 
7.8% and the fluctuating peak to peak value of the 
rotatory acceleration wqs 13350 rad/s2 • The fluc-
tuating wave from of the rotatory acceleration was 
closely related to that of the gas pressure in the 
282 
compression chamber. The rotatory acceleration of 
the piston rapidly changed at the time t = 4.4 ms 
and 12.1 ms when the direction of the sliding speed 
at the piston-blade pair changed, and the fluctuat-
ing value reached about 13540 rad/s2. 
(2) The characteristics of the fluctuating con-
straint forces were revealed, and hence fundamental 
design criteria for manufacturing compressors which 
are more compact and lighter in weight were obtained. 
(3) The calculated results of the compressor vi-
brations were able to precisely simulate the measured 
vibration components which frequency order is lower 
then 8th. One major factor inducing compressor vibra-
tions is an unbalanced inertia force based on the 
fairly large speed variation of the crankshaft and 
hence the vibration component about the crank-
shaft center is fairly large in amplitude compared 
with the other vibration components. 
(4) When only the compressor vibrations are dis-
cussed, the analysis of the piston rotatory motion 
is negligible, since the inertia moment of the pis-
ton is fairly small compared with of the rotating 
crankshaft system in general. Hence the method for 
vibration analysis can be fairly simplified. 
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